An advanced CFD simulation has been performed to analyze the ECFM-3Z (Extended Coherent Flame Model-3Z) combustion model for simulating the combustion process and emission characteristics in a high speed direct injection (HSDI) diesel engine. A four cylinders, HSDI diesel engine based on a Ford production engine with a 2 nd generation Delphi common rail fuel injection system has been modeled in this research. 3D CFD simulation was carried out from intake valve closing (IVC) to exhaust valve opening (EVO). A good agreement of calculated and measured in-cylinder pressure trace as well as pollutant formation trends could be observed for all investigated operating points. Based on the confidence gained from validation, the study is extended to evaluate the effect of fuel injection timing on engine performance and emissions. For this purpose, a comprehensive study of the effect of injection timing with respect to performance and emissions has been considered. Three main injection timing, (1) 2.65 BTDC, (2) 0.65 BTDC and (3) 1.35 ATDC, all with 30 crank angle pilot separations has been used to investigate the effect of the injection timing. The results show that the current methodology can be applied as a beneficial tool for analyzing the parameters of the diesel combustion under HSDI operating condition.
INTRODUCTION
Performance and emission characteristics in diesel engines is strongly dependent on characteristics of the in-cylinder mixture formation and combustion processes governed by the fuel spray propagation and its interaction with the in-cylinder swirling flow field and the piston bowl.
In recent years CFD has been successfully established for the calculation of fluid flow, mixture formation and combustion in internal combustion engines as a complementary tool to in-cylinder pressure analysis and optical mixture formation and combustion diagnostics. The accuracy of the calculation results and hence the potential contribution of the CFD simulation to major design decisions within the engine development process strongly depends on the achievable project turnaround times and the reliability of the models adopted for the treatment of the individual in-cylinder physical and chemical processes, such as cavitating injector flow, liquid fuel spray propagation, evaporation and mixing with the in-cylinder charge, auto-ignition, turbulent combustion and pollutants formation. As the result of intense world-wide research and development efforts over the last decades, a variety of models exhibiting different levels of complexity and sophistication is available today [1] [2] [3] [4] [5] [6] [7] [8] [9] [10] [11] .
The diesel combustion process is characterized by heterogeneous mixture formation and combustion. In diesel engines, fuel is directly injected under high pressure, usually shortly before the top dead center, into the combustion chamber [5] [6] [7] . The fluid fuel entering the combustion chamber is atomized into small droplets, vaporized and is mixed with air, resulting in a heterogeneous mixture of fuel and air. Combustion is initiated by the high temperatures and pressures by an auto-ignition process. The load of the engine is controlled by the amount of injected fuel and combustion start is controlled by the start of injection. Diesel engines are usually operated with a globally lean air-fuel ratio, but direct injection leads to different mixture areas ranging from very lean through stoichiometric to very rich mixture ratios. Such mixture stratification leads inevitably to the formation of pollutant emissions, especially soot particles and nitrogen oxides [9] [10] [11] . Diesel spray and combustion is integrated with different physical processes. The most important submodels are atomization, interaction between droplets and turbulent eddies, droplet-wall interaction, evaporation, auto-ignition and combustion [5] [6] [7] [8] . The development of the submodels for spray and combustion has been accelerated in recent years. Models of different levels of complexity, such as eddy-break-up type models, approaches based upon adoption of laminar/turbulent characteristic timescales or models following the concept of representative interactive flamelets have been used successfully to study combustion and pollutant formation in DI Diesel engines [1] [2] [3] [4] [5] .
The aim of this study is to describe the recent developments in CFD modeling of IC engines with a special emphasis on High Speed Direct Injection (HSDI) diesel engine combustion. For this purpose, an improved version of the ECFM-3Z (Extended Coherent Flame Model-3Z) combustion model coupled with advanced models for NOx and soot formation has been implemented and validated with respect to its applicability to simulate the combustion process and pollutant emissions. Assessment of the model performance is achieved by comparison of the CFD results with the corresponding experimental data.
MATERIAL AND METHOD
The computational mesh was created using AVL ESE Diesel Tool [12] . Details of the computational mesh used at TDC are shown in Figure 1 . The computation used a 60°d egree sector mesh (the diesel injector has 6 Nozzle holes). The ground of the bowl has been meshed with two continuous layers for a proper calculation of the heat transfer through the piston wall. The final mesh consists of a hexahedral dominated mesh. Number of cells in the mesh was 61043 and 28453 at BDC and TDC, respectively. The present resolution was found to give adequately grid independent results. It should be noted that in any CFD simulation, it is vital to ensure that the results are not dependent on the utilized mesh. For this purpose, meshes of three different densities were pre-investigated. A coarse grid with about 12000 cells, medium resolution grid with about 28000 cells and a fine grid with about 45000 cells at TDC have been generated. In order to study the capability of these grids, the simulation was performed from IVC to EVO. Combustion has been switched off in these simulations to focus on the engine flow and fuel-air mixing. The medium dense mesh was selected due to its best suitability for the computations. For this case, the fluctuation of pressure and temperature curves was lowest compared to the measured data. Exact number of cells in the mesh was 28453 and 61043 at TDC and BDC, respectively, with the plot at TDC as shown in Figure 1 .
The base engine used in the present study is a high-speed direct injection (HSDI) four valves 2.0L Ford diesel engine with a 2 nd generation Delphi common rail fuel injection system. The engine specifications are given in Table 1 . The calculations were carried out for 1600 rpm. The required experimental data for this part of study was achieved from the [24] .
The combustion processes of IC engines are characterized by complex heat transfer, gas dynamics, multi-phase flows, and turbulence-chemistry interactions. IC engine combustion spans multiple regimes that include premixed flame propagation, mixingcontrolled burning, and chemical-kinetics-controlled processes, which may occur simultaneously. The task of modelling IC engines is to completely or partly describe these physical and chemical processes using mathematical models with stable and accurate numerical schemes so that the output of the modelling can reveal desirable Computational mesh at TDC.
information about engine cycles. The workflow description including the CFD solver and modelling details as well as all calculation results used in this study are based on the commercial CFD code AVL FIRE. An overview of the theoretical background of the different models and modelling approaches used in this study is presented in the following.
The spray model
The standard WAVE model, described in [14] [15] [16] was used for the primary and secondary atomization modeling of the resulting droplets. In this model the growth of an initial perturbation on a liquid surface is linked to its wave length and to other physical and dynamic parameters of the injected fuel and the domain fluid. Drop parcels are injected with characteristic size equal to the nozzle exit diameter (blob injection). The Dukowicz model was applied for treating the heat-up and evaporation of the droplets, which is described in [17] . This model assumes a uniform droplet temperature. In addition, the rate of droplet temperature change is determined by the heat balance, which states that the heat convection from the gas to the droplet either heats up the droplet or supplies heat for vaporization. A stochastic dispersion model was employed to take the effect of interaction between the particles and the turbulent eddies into account by adding a fluctuating velocity to the mean gas velocity. In this model, randomly chosen velocities follow a Gaussian distribution. The spray wall interaction model used in the simulations was based on the spray-wall impingement model described in [14, 17] . This model assumes that a droplet, which hits the wall is affected by rebound or reflection based on the Weber number. The Shell auto-ignition model was used for modeling of the auto-ignition. In this generic mechanism, 6 generic species for hydrocarbon fuel, oxidizer, total radical pool, branching agent, intermediate species and products were involved. In addition the important stages of auto-ignition such as initiation, propagation, branching and termination were presented by generalized reactions, described in [12, 19] .
The turbulence mixing model
The k − ε approach has been used to take account of turbulent effects, while the complex oxidation process of diesel fuel has been summarized by a single step irreversible reaction [12] [13] [14] . The mean reaction rate has been evaluated by means of the Coherent Flamelet Model (CFM). For a diesel spray, the fuel droplets are very close to each other and are located in a region essentially made of fuel. After the evaporation of the fuel, an adequate time is needed for the mixing from the nearly pure fuel region with the ambient air. In this case, the mixing of fuel with air is modeled by initially placing the fuel into the 'pure fuel' zone of the ECFM − 3Z model [20] [21] [22] . A transport equation for the 'unmixed fuel' is solved where the source term for the transfer of fuel from the unmixed to the mixed state can be described as follows in Eq.1.
(1)
Where
is the mass fraction of unmixed fuel, M M is the mean molar mass of the gases in the mixed zone, M Fu is the molar mass of Fuel, is mean density, is the density of the unburned gases (the density of fresh gases that would be obtained if combustion had not occurred), and τ m is the mixing time.
The turbulence combustion model
The combustion model is based on the Coherent Flame Model originally. The ECFM − 3Z model [20] [21] [22] distinguishes between all three main regimes relevant in Diesel combustion, namely auto-ignition, premixed flame and non-premixed, i.e. diffusion combustion. The auto-ignition pre-reactions are calculated within the premixed charge of fuel and air, with the ignition delay governed by the local temperature, pressure, fuel/air equivalence ratio and the amount of residual gas. Local auto-ignition is followed by premixed combustion in the fuel/air/residual gas mixture formed during the time period between start of injection and auto-ignition onset within the ECFM − 3Z modeled according to a flame propagation process. The third regime is the one of diffusion combustion where the reaction takes place in a thin zone which separates fuel and oxidizer. In the ECFM − 3Z, it is assumed that the reaction time in the reaction zone is much smaller than the time needed for the diffusion process. Therefore the rate of reaction during diffusion combustion is determined entirely by the intermixing of fuel and oxidizer. This distinct separation of the different ignition/combustion regimes makes the ECFM − 3Z model specifically applicable to conventional as well as alternative diesel combustion modes. In the conventional case most part of the combustion can be assumed as diffusion type, in the case of recently introduced alternative concepts a large amount of fuel is consumed within premixed combustion.
Post flame chemistry
From the modeling point of view, the main combustion process is separated into three parts. Firstly, the fuel is partly oxidized to CO and to CO 2 , followed by CO oxidation and finally a post-flame equilibrium chemistry approach is applied which results in the final species concentrations. [13] . Assuming the mean fuel composition is C n H m and the local mean equivalence ratio , then the main fuel oxidation is defined in the ECFM − 3Z model with the following reactions in Eq.2.
(2)
Where r co is a constant value which presumes the amount of CO formed under lean conditions and α depends on the local equivalence ratio as follows, Eq.3.
(3)
Where and , as the critical equivalence ratio above which there is not enough oxygen to complete the oxidation of fuel into CO [13] ,
It can be seen from the equation above that for a lean mixture with α = 1 the first two reactions are considered, which means that CO can also be formed under lean conditions. The third reaction describes the CO formation under rich conditions where there is not enough oxygen to burn all the fuel to CO 2 . The oxidation of CO is described by the following reaction Eq.5.
And the post-flame equilibrium chemistry is covered by the following set of reactions Eq.6. 
The above described combustion reactions cover the relevant range of mixture composition from lean to rich and the different levels of residual gas content. In addition to the amount of heat that is released within the flame the procedure provides information about CO and other species which are important for the subsequent calculation of the pollutants [13] .
The pollutant models
It is well known that the formation of NO depends mainly on three different processes, the thermal NO, the prompt NO and the fuel NO mechanism [12, 13] . Usually in automotive diesel engine applications the third one can be neglected, because there is no significant amount of nitrogen in the fuel. The two other mechanisms can contribute to the NO formation in engines, where mainly thermal NO is formed, but also some amount of prompt NO can appear. The model used for this work, covers these two contributions [12, 13] .
Thermal NO
The thermal NO reaction mechanism is described here by the widely accepted extended Zeldovich mechanism. This mechanism is based upon the chemical equilibrium assumption, which means that only atomic nitrogen (N) is needed as an additional intermediate species. Since its concentration does not depend on the chemical kinetics of combustion of the mixture, it is not necessary to follow the fuel oxidation in-depth but instead to use only the following chemical reaction steps,
The above reaction mechanism is known as the extended Zeldovich mechanism that considers the effect of oxygen and hydrogen radicals on NO formation. It is important to point out that all three chemical reactions that represent the Zeldovich mechanism exhibit strong temperature dependency. Derived from the above equations the overall NO formation rate for the three thermal reactions can be described as follows [12, 13] :
According to these equations the thermal NO formation is independent of the fuel type. In order to solve the equations, the concentration of O atoms and the free radical OH is required which are both calculated either from empirical relations or, as in the present case, based upon the radical concentrations of the ECFM − 3Z combustion model.
Prompt NO
Under specific operating conditions, such as alternative diesel combustion, the rate of NO generated during combustion of hydrocarbon substances can be considerably higher than that predicted by the Zeldovich mechanism. This enhanced NO formation is attributed to the presence of hydrocarbon species, which result from fuel fragmentation during the combustion process. Prompt NO is formed by the reaction of atmospheric nitrogen with hydrocarbon fragments, which is subsequently oxidized to form NO. The prompt NO mechanism forms NO from nitrogen much earlier in the flame than the thermal NO mechanism, as its name suggests. The mechanism is initiated by the rapid reaction of hydrocarbon radicals with molecular nitrogen, resulting in the dissociation of the N 2 and in the formation of intermediates such as HCN,
Different hydrocarbon radicals have been suggested that are responsible for prompt NO in hydrocarbon flames, but the major contribution comes from CH CH + N 2 ↔ HCN + N
The HCN and N then react through a series of subsequent fast reactions to form nitric oxide (11) The model used in the present study to predict prompt NO concentration, applies an overall approximate prompt reaction. A global kinetics mechanism is used to predict a rate of prompt NO,
The rate of prompt NO formation is found to be of the first order with respect to nitrogen and fuel concentration, but the oxygen reaction order a depends on experimental conditions. 
The soot model
The Kennedy, Hiroyasu and Magnussen mechanism [12, 13, 23] was used to anticipate the soot formation. Generally, it is well accepted that the production of soot occurs in two main phases, soot formation and soot oxidization. These processes depend on the fuel composition, in-cylinder gas pressure, in-cylinder gas temperature, and local fuel and oxygen concentrations. The soot formation model which has implemented in the current study is based upon a combination of suitably extended and adapted joint chemical/physical rate expressions for the representation of the processes of particle nucleation, surface growth and oxidation. Figure 2 shows both the computational and experimental in-cylinder pressure traces at 1600 rpm. As illustrated in Figure 2 , the simulated pressure data are in excellent agreement with the measured values. In particular, the simulation correctly models the time of auto-ignition and the peak pressures. The peak pressure discrepancy between experiment and CFD simulation is less than 0.3%. This very good agreement between calculated and measured combustion is a necessary prerequisite for the predictive calculation of the pollutant formation trends. Figures 3 and 4 show comparisons between the predicted and measured engine-out NOx and soot values, respectively. As shown in Figures 3 and 4 , the NOx and soot formation trends are very well reproduced by the presently adopted modeling approach. In addition, it can be concluded that employing pilot injection results in higher in-cylinder temperature produced by pre-combustion and shorter auto-ignition delay which causes a rapid increase in the rate of NOx formation in early stage of combustion process.
RESULT AND DISCUSSION
Based on the confidence gained from validation, the study is extended to evaluate the effect of fuel injection timing engine performance and emissions. For this purpose, a comprehensive study of the effect of injection timing with respect to performance and emissions were considered. Three main injection timing, (1) 2.65 BTDC, (2) 0.65 BTDC and (3) 1.35 ATDC, all with 30 crank angle pilot separations were used to investigate the effect of the injection timing. Figures 5 and 6 show the in-cylinder averaged pressure and temperature profiles obtained for three injection timings.
The peak cylinder pressure and temperature obtained for the three injection timings are summarized in Table 2 .
Combustion in direct injection diesel engine consists of two distinct phases: the ignition delay and the heat release period. The ignition delay is the time interval between the actual dynamic injection point and start of ignition. The ignition delay depends on the cylinder pressure, temperature and fuel chemistry. In DI diesel engines, the ignition delay is a function of compression ratio, swirl and speed of the engine [24] . As illustrated in Figures 5 and 6 , the advanced injection timing shows higher peak pressure and temperature and retarded injection timing shows lower peak pressure and temperature with reference to the base case. As the injection timing is advanced, pressure and temperature inside the cylinder is not sufficient to ignite the fuel as a result a large amount of evaporated fuel is accumulated during the ignition delay period. In-cylinder pressure (MPa)
Figure 5:
In-cylinder average pressure at different injection timings.
However, in the case of retarded injection timing, pressure and temperature inside the cylinder is sufficient to ignite the fuel and a relatively small amount of evaporated fuel is accumulated during the ignition delay period. Figures 7 and 8 show the heat release rate and accumulated heat release traces for three injection timings, respectively.
The heat release period consists of two different modes of burning including premixed and diffusive burning. Initially, most of the fuel burns in the premixed mode until the fuel air mixture that was prepared and ready to burn prior to ignition is exhausted. After this point burning proceeds only in the diffusive mode until the end of combustion [25] . As shown in Figures 7 and 8 , the advanced injection timing shows maximum peak heat release rate and maximum accumulated heat release and retarded timing shows lower peak heat release rate and lower accumulated heat release compared to base case. In the case of advanced injection timing, a large 
Figure 6:
In-cylinder average temperature at different injection timings. amount of evaporated fuel is accumulated resulting in longer ignition delay. The longer ignition delay leads to rapid burning rate and the pressure and temperature inside the cylinder rises suddenly. Hence, most of the fuel burns in premixed mode causes maximum peak heat release rate, maximum accumulated heat release and shorter combustion duration. In the case of retarded injection timing, the accumulation of evaporated fuel is relatively less resulting in shorter ignition delay. The shorter ignition delay leads to slow burning rate and slow rise in pressure and temperature. Hence, most of the fuel burns in diffusion mode rather than premixed mode resulting in lower peak heat release rate, lower accumulated heat release and longer combustion duration. The peak of heat release rate and accumulated heat release obtained for different injection timing is summarized in Table 3 .
The NOx and soot emission obtained for different injection timing is summarized in Table 4 . Figures 9 and 10 show the in-cylinder averaged NOx and soot emissions traces.
It can be seen in Figures 9 and 10 , that the NOx was reduced with the retarding the injection timing, whereas the soot were increases with the retarding injection timing. In addition it can be concluded that the retarded injection timing lead to reduced oxidation of soot because the soot oxidation took place later in the expansion stroke when the gas temperature was lower.
The predicted amount of soot and NOx emissions compared to their experimental values at different injection timing is illustrated in Figure 11 . Results shown in Figure 11 indicate that the models used in this study can provide enough confidence to the simulation results with regard to the combustion process and emissions. In particular, they capture the trend of reduced NOx and increasing soot with fuel injection retard.
The evolution of the NOx and soot distribution within the combustion chamber at 380°, 400°and 420°CA ATDC are shown in Figure 12 . As shown in Figure 12 , the local soot-NOx trade-off is evident in these contour plots, as the NOx formation and soot formation occur on opposite sides of the high temperature region.
CONCLUSIONS
An advanced CFD study was carried out to explore the capability of ECFM-3Z combustion model coupled with advance model for NOx and soot emission to predict the combustion process and emission formation in a High Speed Direct Injection (HSDI) diesel engine. The simulation was performed from intake valve closing (IVC) to exhaust valve opening (EVO).The models implemented in the code for secondary break-up, droplet collision, turbulent dispersion and evaporation were validated by comparison to experimental data. Comparing the numerically obtained results with measured in-cylinder pressure traces showed good agreement with respect to the timing of auto-ignition onset and pressure rise as well as peak pressure levels. In addition, the NOx and soot formation trends are very well reproduced by the presently adopted modeling approach.
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